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ABSTRACT

Current trends for advanced automotive engines focusing on
downsizing, better fuel efficiency and lower emissions have led
to several changes in turbocharger bearing systems design and
technology. Automotive turbochargers are running faster under
high engine vibration level. Vibration control is becoming a real
critical issue and turbocharger manufacturers are focusing more
and more on new and improved balancing technology.

This paper deals with turbocharger synchronous vibration
control on high speed balancers. In a first step the synchronous
rotordynamics behavior is identified. The developed fluid
bearing code predicts bearing rotational speed (in case of fully-
floating design), operating inner and outer bearing film
clearances and bearing force coefficients. A rotordynamics code
uses this input to predict the synchronous lateral dynamic
response of the rotor-bearing system by converging with
bearing eccentricity ratio. The rotor-bearing system model is
validated by shaft motion test data on high speed balancer
(HSB). It shows that only one of the peaks seen on the
synchronous G level plot collected in a high speed balancer can
be explained by rotordynamics physics. A step-by-step
structural dynamics model and analysis validated by
experimental frequency response functions provides robust
explanations for the other G level peaks. The synchronous
vibration response of the system “turbocharger-HSB fixture” is
predicted by integrating the predicted rotordynamics rotational
bearing loads on the structural dynamics model. Numerous test
data show very good correlation with the prediction, which
validates the developed analytical model.
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The “rotordynamics — structural dynamics model” allows
deep understanding of turbocharger synchronous vibration
control as well as optimization of the high speed balancer
tooling.

INTRODUCTION

Foundation flexibility in turbomachinery affects the rotor-
bearing system (RBS) behavior. The inclusion of foundation
characteristics in a RBS model has been the focus of many
research studies [1-6]. Cavalca et al. [7] investigated the
influence of flexible versus rigid foundation structure on RBS
forced response. They modeled the rotor-bearing and
foundation using finite element modeling (FEM) and reduced
the number of foundation degrees of freedom (DOF) using a
modal analysis approach on measured frequency response
functions (FRFs). Cavalca et al. concluded that in large rotors,
foundation flexibility affects significantly the rotor-bearing
unbalance response. Xu and Vance [2] identified critical speeds
in RBS due to foundation flexibility. Hence, it is essential to
include foundation characteristics in a RBS model in order to
accurately predict the system forced response.

Representing the foundation characteristics using measured
FRFs provides relatively a fast and accurate solution. Modal
analysis consists of three stages: FRF measurements, foundation
parameter identification, and implementation of the identified
modal parameters in a mathematical or numerical model [8].

FRFs can be obtained analytically (using FEM programs
i.e. ANSYS, NASTRAN) or experimentally. Obtaining accurate
FRF measurements is a key step for a valid modal analysis.
Yamaguchi [9] introduced an advanced new method, making
best use of FFTs (Fast Fourier Transformation) in FRF
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measurements. In addition, Ewins [8] provided extensive
guidelines regarding FRF measurement techniques.

In prior studies, Xu and Vance [2] followed the method
developed by Nicholas et al. [1] to calculate bearing equivalent
coefficients consisting of the true bearing force coefficients and
foundation modal parameters (extracted from measured or
analytically derived FRFs). In both cases, [1] and [2] the
bearing equivalent coefficients consisted of only direct terms. In
other words, the cross-coupled effects among FRF measurement
locations on the foundation were not considered. In addition,
both analyses required extraction of modal parameters from
foundation FRFs. Nelson [10] provided the first commercially
available rotordynamics code (ARDS) to include foundation
modeling with FRF data.

The full FEM of the turbomachinery that includes rotor-
bearing system and housings is also another alternative for
forced vibration prediction. Sometimes, this approach can be
costly and time consuming for complex and nonlinear behavior
foundation structures.

In this paper an original approach for synchronous forced
response prediction on the housing of a turbocharger is
developed and validated by test data. This includes three steps:
bearing loads calculation by a rotordynamics prediction code,
structural dynamics modeling of housings and harmonic
analysis that combines the first two steps for prediction of
forced vibration on the housing. It is successfully applied for
the vibration prediction of an automotive turbocharger on high
speed balancer.

AUTOMOTIVE TURBOCHARGERS DESCRIPTION

Actual turbochargers are using conventional bearing
technologies like fluid film bearings [11] or ball bearings [12],
and advanced technologies such as oil-less bearing [13] are
under investigation.

Figure 1 presents a fully-floating hydrodynamic bearing
turbocharger. The floating ring bearings consist of two bushings
which have a clearance fit between both the shaft and housing
so that two hydrodynamic oil films are created as the shaft (and
therefore the unbalance load vector) rotates. Such design
provides relatively high damping performance for reduced
transmissibility and controlled rotor deflection of the rotating
group. The axial load is supported by a separated hydrodynamic
thrust bearing. It is the original and low cost rotor-bearing
system design used on both light vehicle (LV) and commercial
vehicle (CV) applications, but more susceptible to shaft motion
instability due to two hydrodynamic oil films (inner and outer);
relatively difficult to be balanced over a high speed range of
turbocharger when the design integrates a rigid shaft. Recently
both synchronous & subsynchronous vibrations have become an
issue on vehicle.

Figure 2 shows a recent semi-floating hydrodynamic
bearing turbocharger. The bearing system consists of a single
bushing with two bearing radial lands and integrated
hydrodynamic thrust bearing; the inner shape of radial bearing
has 4 axial groves. The bushing is prevented from rotating by a

pin, the inner oil film operates then as a hydrodynamic bearing
and the outer film acts as a pure squeeze film damper. Such a
design allows: reduced journal diameter and radial power
losses; relatively high damping provided by squeeze film
damper; very good shaft motion stability, even under low oil
viscosity and high oil inlet temperature; low transmissibility due
to the use of a flexible shaft (slender shaft) and low initial
unbalance due to rotating group design concept; a less rich
subsynchronous frequency content compared to fully-floating
bearing, and consequently less problems with the respect of
noise issues; an easy design for overall bearing system
performance optimization. It is successfully used on LV
applications.

—

Figure 1. FULLY-FLOATING HYDRODYNAMIC ROTOR-BEARING
SYSTEM

Figure 2. SEMI-FLOATING HYDRODYNAMIC ROTOR-BEARING
SYSTEM

Figure 3 describes a ball bearing turbocharger recently in
production for both LV and CV applications. The inner race of
ball bearing cartridge is press fitted on the shaft, the outer race
is blocked in rotation by an antirotation pin and the outer oil
film operates as squeeze film damper. It is a demonstrated
design for transient performances with very low power losses
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and exceptional cold start [12]; very good shaft motion dynamic
stability due to the lack of hydrodynamic oil film;
subsynchronous vibration is not an issue; relatively difficult to
be balanced due to increased rotating group rigidity and
consequently large dynamic bearing loads; oil contamination
can be an issue for rotor-bearing system and relatively high cost
design.

Figure 3. BALL BEARING ROTOR-BEARING SYSTEM

In reference [13] a turbocharger with hydrodynamic foil
bearings is presented. The perceived benefits are lower
emissions, packaging flexibility, simpler installation, lower
vibration transmissibility and improved reliability.

In this paper the application concerns a hydrodynamic semi-
floating bearing system turbocharger.

A FORCE RESPONSE METHOD FOR SYNCHRONOUS
VIBRATION PREDICTION

A step by step approach for synchronous forced response
prediction on housings of a turbocharger is developed and
validated by test data. This includes three steps: bearing loads
calculation by a rotordynamics prediction code, structural
dynamics modeling of housings, and harmonic analysis that
combines the first two steps prediction of forced vibration.

Primer on synchronous rotordynamics behavior
Theoretical aspects employed for rotor-bearing system
lateral dynamics modeling and associated finite element code
are described by Childs in [14].
The differential equation of the linear dynamic behavior of
a rotor-bearing system under external synchronous excitation
forces can be written:

[M]{$}+ [c]{5}+g[g]{5}+ [K]is)= {F.. ()} ()

where:

{5}, nodal displacement vector contains all the

real DOF (translations and rotations) of the
system in a global reference frame

[M ], mass matrix including shaft, discs and bearing
inertia characteristics
[C ] , damping matrix including shaft and bearing

6]

, gyroscopic matrix
[K ] s stiffness matrix including shaft and bearing

{F,.,(€x)}, external synchronous excitation forces vector

The finite element formulation uses Timoshenko beam
theory [15] and implements component-mode synthesis [16] in
order to model multiple shaft rotors. The mass of oil film is
ignored and the force coefficients (oil stiffness and damping
coefficients) are valid only for small amplitude motions or
perturbations around a dynamic equilibrium.

The damped natural frequencies of rotor-bearing system
can be defined by solving the homogeneous form of the
equation (1):

[M]{5}+[C]{5}+Q[GH5}+[K]{é}:{O} @

Assuming {5}: {d }e" on the equation (2) and solving the
associated characteristics equation:

|_r2 [M]+r[C]+r2[G]+ [K]J{d}: {0} 3)

leads to a problem of eigenvalues r= (1 + iw) and
eigenvectors {d }, also known as natural damped mode shapes.

Dynamic stability of a linear dynamic behavior system requests
that the real part, 4, of all eigenvalues to be negative.
The system response under unbalance forces

{F, () =m{5}02%"* can be written {5}={a}e’® and
determined by solving the following algebraic equation:

| o2 [M]+i@[c]+i@*[6]+ ]| {4} = mls)2® @)

Summary of fluid film bearing analysis

Gjika and LaRue [17] detailed the physical model and
computational analysis for prediction of the forced performance
of fluid film radial bearings.
Starting with the Navier-Stokes and continuity equations for a
fluid element, the hydrodynamic film bearing equation can be
derived from Osborne Reynolds approach detailed on [18]. For
an incompressible fluid and steady state loading, the equation
is:
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where:
h, film thickness
1, fluid viscosity
D fluid pressure
x and z, dimensions
U, journal surface speed.

Assuming the bearing is infinitely short (the length-to-
diameter ratio of most turbocharger bearings is about 0.5), the
short bearing theory can be used to model the oil films of both
the fully-floating and semi-floating bearings. The film pressure
decreases more rapidly axially than circumferentially and the
pressure derivative in the circumferential (i.e., x) direction can
be set to zero, figure 4.

JOURNAL LOAD

BEARING CD'I\F!FLI:EEMT LOAD,,

ECCENTRICITY

Figure 4. RADIAL AND AXIAL PRESSURE DISTRIBUTION ON
HYDRODYNAMIC BEARING

That leads to the simplified equation (6):

3
ofhr =6U% (6)
oz\ u oz ox

If the film thickness is only a function of circumferential
dimension, x, and by setting the film pressure equal to zero at
each end of the bearing, the integration of the equation (6)
gives:

3uU [ I? gsinf
p(e,z>=R“2 {——zzJ

(1+¢&cos §)°

2|4 ()

r

where:

o, angular location

R, journal radius

L, bearing length

g eccentricity ratio (& =e/ ¢., e- journal
eccentricity and ¢, - radial bearing
clearance).

The oil film pressure is modeled only for 180° of the
bearing arc and the remaining arc is set to ambient pressure -
cavitated © film model. This allows defining the two following
orthogonal forces:

il g?

¢, (1-&%)?

IS

®)

_ yUL3 e

y 4Cr2 (1—£2)ls

where:
w., the force in the direction of the applied load
w,, the force at the right angle of the applied load

The total load can then be computed:

3
W= /‘ULZ — [2a-e5 1622 )
4¢,” (1-¢€7)

r

The load capacity number, A, can be now calculated:

_WOUNy 1o
60w, ? 7&9[7[2 (l —&? )+ 162 ]0'5

(10)

where N, is the effective speed concept developed by Stone
and Underwood [19]:

Ny =[2Np = N,| (11)
with:

N, load speed

Ny, journal speed
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By assuming a load, W, and knowing the bearing
dimensions and operating conditions, the eccentricity ratio of
the bearing films can be calculated. In addition, the two films
can be coupled together by assuming that both films carry the
same load (i.e., the bearings are massless).

Heat transfer through the bushing is calculated between the
inner (typically hotter) film and the outer film. An iteration
scheme is used to converge on the mean lubricant temperature:
the heat generated by shearing of the lubricant in the inner film
is carried away by the calculated lubricant flow and the heat
transfer to the outer film. Likewise, the calculated flow through
the outer film carries away the heat generated by shearing in the
outer film, plus the additional heat transferred from the inner
film. Iteration continues until the assumed mean lubricant
temperatures converge. The inner and outer lubricant viscosities
are based on their respective mean film temperatures and are
updated as the iteration proceeds. This approach is similar to
that described in [20].

For the semi-floating bearing, the bearing speed is fixed at
zero. For the case of the fully-floating bearing, an additional
iteration loop is used to calculate bearing speed from a balance
of the inner and outer film torques.

The stiffness, K, and damping, B, coefficients can be
derived from equations (8):

3
ko THRENg | e (12)
30c,> (1_52)2
3
T, N
B= "RL} A ! - (13)
4c,"Ng (1—52)

Using the effective speeds, the inner and outer film
stiffness and damping coefficients can be computed for use in
the rotordynamics modeling.

An analytical approach for synchronous forced
vibration prediction

A full-modeling approach for forced vibration response
prediction on turbocharger housings requires modeling aspects
of the dynamic behavior of the static support structures. Several
modeling techniques and numerical methods exist to predict
dynamic behavior of linear or nonlinear structures. [21], [22],
[23]. This paper doesn’t concern the development of any new
modeling techniques or numerical methods. Using a commercial
prediction code [24] some specific FE models are developed for
the dynamic behavior prediction of the assembly “CHRA
(center housing rotating assembly) non rotating structure-HSB
supporting structure”. This topic is described later.

The excitation forces that act on the turbocharger housing
are synchronous bearing loads due to mass unbalances on the

rotating group. These forces are outputs of a rotordynamics
analysis. They are rotating loads and synchronous with the
speed of the rotor. To model the rotating nature of the load, an
indirect finite element method is adopted. Two dummy nodes
are created: one on each center of the two bearing planes. Each
dummy node is connected to the nodes on the center housing
bore, lying in the same axial plane, through very stiff and
massless link elements. Then the excitation force (bearing load)
is applied at the dummy node as two perpendicular forces with
a phase difference of 90 degrees:

(F brg

_ i
)x =F,q.e

(14)

iQt+7/2

where:
Fipg, magnitude of bearing load
Q, rotational speed

Generally speaking, on different bearings the load vectors
are different in magnitude as well as in phase angle. This is
taken into account in the analysis as follows. Assume £7,., and

Fbrg2 the loads on bearing B, and B, planes respectively, and

let @ be the phase difference between them. Then the forces on
the dummy nodes in the two planes will be:

_ iQt
(Fbrgl )x _Fbrgl €

(15)

_ iQt+7/2)
(Fbi’g1 )y _Fbrgl el

_ (iQt + D)
(Fbrgz )x - Fbrg2 €

(16)

_ (iQt+7/2 +D)
(Fbrgz )y _Fb"gz e

Once the loads on the dummy nodes are determined, a
routine harmonic analysis can be carried out at each speed of
interest, by solving the following differential equation of the
static structure:

It Yo o Yo b B Hl 07
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{5m }, nodal displacement vector contains all real
DOF

[M str ] , mass matrix

[C str ], damping matrix

[K sir ] , stiffness matrix

{F brg (Ql)}, bearing loads calculated from (15) and (16)

TURBOCHARGER FORCED SYNCHRONOUS
VIBRATION ON HIGH SPEED BALANCER.
PREDICTION AND COMPARISON TO TEST DATA

The developed procedure is applied for the prediction of
synchronous forced vibration response of turbocharger on a
HSB. Figure 5 shows a high speed balancer, on which is
installed a CHRA unbalance master, figure 6, that allows the
implementation of single or multi plane unbalance by using
small metallic locknuts. The CHRA integrates a semi-floating
bearing with antirotation pin at the mid-plane that supports the
rotating group; a cross sectional view is presented on figure 7.
The vibration response on HSB is measured by an
accelerometer.

Accelerometer ik
|
-w L b
-

Figure 6. CHRA UNBALANCE MASTER
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Figure 7. CROSS SECTION OF TEST CHRA

Free-free rotordynamics analysis

Figure 8 depicts the rotordynamics structural model
comprising of 45 finite elements for the rotor and 4 elements for
the semi-floating ring bearing. Inertia properties for the turbine,
compressor and thrust collar are included at the appropriate
locations. In a first step the model is validated by test data in
free-free condition using the test procedure described on [25].
Figure 9 presents test/prediction data for the two first natural
frequencies and associated mode shapes. The good agreement
validates the rotating group structural model.

Turbocharger unbalance response and HSB
synchronous vibration response

Figure 10 presents measured unbalance response on the
turbine wheel nose and synchronous G level response on the
high speed balancer fixture. It shows that only the first G level
peak can be explained by synchronous rotordynamics analysis;
it corresponds to the rotor-bearing system critical speed
associated with a cylindrical deformed mode shape.

0.02

Shaft Radius, meters

0,02

Axial Location, meters

Figure 8. STRUCTURAL MODEL OF TEST TURBOCHARGER FOR
ROTORDYNAMICS ANALYSIS
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Shaft Radius, meters

- Solid elements for modeling of main components (HSB
fixture, nozzle, insert, centre housing) of the assembly.
The chosen element is the 10-node tetrahedron, which
allows automatic meshing and good correlation [26].

- Lump mass elements are added to simulate the mass of
the clamping system, located at the angles of the turbine
block, therefore having a cantilever effect. The local
stiffness of this clamping system is ignored.

- Linear spring elements are used to simulate the vibration
isolators. Their stiffness is determined from test data.

0 0.02 0.04 0.06 0.08 0.1 Real isolators are made of elastomer material.

Axial Location, meters The finite element model is validated by a step by step
experimental vibration analysis. Several FRFs are generated
using a hammer for the excitation and an accelerometer for the

response, figure 12. Test/prediction data presented on figure 13

shows good agreement and validates the finite element model.

G level peak at 2450 Hz corresponds to a mode shape of the

CHRA center housing clamped on HSB fixture, figure 14.

Normalized Displacement

a)

Normalized Displacement

Shaft Radius, meters
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N
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0 0.02 0.04 0.06 0.08 0.1
Axial Location, meters
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Wt ATy
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Figure 9. FIRST TWO MEASURED AND PREDICTED FREE-FREE
NATURAL FREQUENCIES AND ASSOCIATED MODE SHAPES OF
TURBOCHARGER ROTATING GROUP

AR

T

RBS Unbalance Response and HSB Acceleration

1.0 1.0
{ F Figure 11. FINITE ELEMENT MODEL OF THE ASSEMBLY “CHRA
0.8 1 g —HSB Accelerafion [ o8 5 NON ROTATING STRUCTURE-HSB FIXTURE”
—_ ] / "??x —+—Unbalance Response ' @
£ : F =
§ 061 Los &
B ] &
T 04 o4 8
2 ] r £
< 1 T
0.2 ] o2 %
o0 ———rr—r—r—————— 1 ¢ 0
0 500 1000 1500 2000 2500 3000

Turbocharger Speed (Hz)

Figure 10. MEASURED CHRA MASTER UNBALANCE RESPONSE
AND HSB SYNCHRONOUS G LEVEL RESPONSE

“CHRA non rotating structure - HSB fixture” dynamic

behavior identification
Figure 11 shows the finite element model developed for the
assembly “CHRA non rotating structure clamped on high speed Figure 12. EXCITATION /RESPONSE POINTS ON THE ASSEMBLY
“CHRA NON ROTATING STRUCTURE-HSB FIXTURE”

balancer fixture”. It features:
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Frequency Reponses
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Figure 13. FREQUENCY RESPONSE FUNCTIONS OF THE
ASSEMBLY “CHRA NON ROTATING STRUCTURE-HSB FIXTURE”.
PREDICTION AND TEST DATA

.009772 .525728 1.04168 1.55764 2.07359

Figure 14. “CHRA NON ROTATING STRUCTURE-HSB FIXTURE”
MODE SHAPE ASSOCIATED TO NATURAL FREQUENCY OF 2450
Hz

Forced synchronous vibration of the turbocharger
master on HSB

4 (four) CHRA unbalance masters have been built
respectively with ODminIDmin, ODmaxIDmin, ODmaxIDmax
and ODminIDmax outer and inner bearing clearances. Several
single and multi plane unbalance are implemented on the CHRA
masters by using small locknuts. They have been run on HSB
condition with Shell Tellus 100 oil, oil inlet temperature 28°C
and oil inlet pressure 4 bars, and synchronous G level response
is collected. Figures 15 to 16 summarize test/prediction G level
data. The excellent correlation validates the developed
analytical approach.

CLOSURE

In this paper, an analytical procedure is developed for
prediction of forced synchronous vibration on turbocharger
housings. It includes three steps: bearing loads calculation by a

CHRA Master / ODminIDmin - Single Plane Unbalance

1 4
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1 4
E — Test
_ o8
5 067
® 1
o] ]
© 044
3 ]
< 1
> /
o—A““
0 500 1000 1500 2000 2500 3000
Turbocharger Speed (Hz)
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CHRA Master / ODmaxIDmax - Single Plane Unbalance
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9] ]
o 04 4
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] — Test
oo
5 06
® ]
3 04 ]
8 ]
< ]
0.2 4
0+~ r "
0 500 1000 1500 2000 2500 3000
Turbocharger Speed (Hz)
d)

Figure 15. HSB SYNCHRONOUS G LEVEL PLOT UNDER SINGLE
PLANE UNBALANCE. TEST/PREDICTION
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Figure 16. HSB SYNCHRONOUS G LEVEL PLOT UNDER MULTI

PLANE UNBALANCE. TEST/PREDICTION

rotordynamics prediction code, structural dynamics modeling of
housings, and harmonic analysis that combines the first two
steps for prediction of forced response on the housing structure.
It is successfully validated by test data for vibration control of
an automotive turbocharger on high speed balancer. This allows
the development of a “product-process” approach for increased
manufacturing productivity and vibration control optimization
at the development stage of turbocharger.

Turbocharger subsynchronous vibration control, as well as
external impact such as engine excitations, will be subject of
other papers. The validated nonlinear dynamic behavior model
and approach developed and presented by authors on references
[27] and [28] will be updated for this purpose.
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NOMENCLATURE
Ac, Acceleration
B, Bearing damping coefficient
[C ] , Damping matrix including shaft and bearing
c,, Radial bearing clearance
D, Journal diameter
{d } Eigenvectors
e, Journal eccentricity
F,, (Qt)} , External synchronous excitation forces
vector
F. Bearing load
[GT, Gyroscopic matrix
g, Gravity acceleration
ID, Inner bearing clearance
h, Fluid film thickness
i, Imaginary unit
K, Bearing stiffness coefficient
[K ] s stiffness matrix including shaft and bearing
L, Bearing length
[M ] , Mass matrix including shaft, discs and
bearing inertia characteristics
m, Mass unbalance
Ny Effective speed
N, Load speed
Ny, Journal speed
OD, Outer bearing clearance
)2 Fluid pressure
R, Journal radius
7 Eigenvalues
t, Time
U, Journal surface speed
XYZ Coordinate system
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{5 }, {5 } , {5} Global DOF vectors (displacement, velocity

and acceleration) of the system

& Eccentricity ratio

D, Phase difference between different bearings
load vectors (compressor side and turbine
side)

7 Angular location

)7 Fluid viscosity

0, Rotational speed

, Imaginary part of eigenvalues

A, Real part of eigenvalues

A, Load capacity number

Subscripts

brg, Bearing (bearing load)

eff, Effective (effective speed)

ext, External (external excitation force)

J, Journal (journal speed)

L, Load (load speed)

min, max, Minimum, maximum (bearing clearance)

I Radial (radial clearance)

str, Structure (support structure)
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